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ABSTRACT 
 
 
 Using an open-loop wind tunnel and a full-cone water spray nuzzle, the air-side performance of 
a liquid-to-air heat exchanger is studied experimentally for wet-surface conditions. The test 
specimen is a brazed-aluminum, louvered-fin heat exchanger. The total capacity, pressure drop 
and water drainage behavior under various water usage rates and air face velocities are explored 
and compared to data from dry-surface conditions. The impact of spray orientation is also 
studied. The results are presented as plots against water usage rate or water spray rate per unit 
heat transfer area. The experimental data are used to validate a model developed for 
simultaneous heat and mass transfer of a wetted heat exchanger. Fouling on the fin surface is 
observed in the experiment, and fouling characteristics are discussed in this thesis. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
iii 
 
ACKNOWLEDGMENTS 
 
This material is based upon work supported by the Department of Energy [Geothermal 
Technologies Program] under award DE-EE0002738 [Optimization of Hybrid-water/air-cooled 
Condenser in an Enhanced Turbine Geothermal ORC System] to the United Technologies 
Research Center (PI: Dr.  Hailing Wu).  This paper was prepared as an account of work 
sponsored by an agency of the United States Government. Neither the United States Government 
nor any agency thereof, nor any of their employees, makes any warranty, express or implied, or 
assumes any legal liability or responsibility for the accuracy, completeness, or usefulness of any 
information, apparatus, process, or process disclosed, or represents that its use would infringe 
privately owned rights. Reference herein to any specific commercial product, process, or service 
by trade name, trademark, manufacturer, or otherwise does not necessarily constitute or imply its 
endorsement, recommendation, or favoring by the United States Government or any agency 
thereof. The views and opinions of authors expressed herein do not necessarily reflect those of 
the United States Government or any agencies thereof.  The authors are grateful for the support 
of the Department of Energy (DOE). 
 
Thanks to Hailing Wu from UTRC for her patience and support. I wish to express sincere 
appreciation to my academic advisor, Professor Anthony Jacobi, for his cheerful inspiration, 
faithful support and guidance. Also, thanks to Jessie Bock, Kashif Nawaz, Yu Rong and other 
fellow students and staff members in the Air Conditioning and Refrigeration Center at UIUC for 
their friendly helping hand. Finally, special thanks to my family for their understanding and 
encouragement. 
 
 
 
iv 
 
TABLE OF CONTENTS 
Nomenclature .......................................................................................... vi 
CHAPTER 1 - INTRODUCTION ......................................................... 1 
1.1 Evaluation of evaporative cooled heat exchangers in systems ................ 2 
1.2 Issues to be solved ........................................................................................ 4 
1.3 Phycrometric process .................................................................................. 5 
1.4 Figures .......................................................................................................... 7 
CHAPTER 2 – EXPERIMENTAL METHODS ................................ 11 
2.1 Experiment Facility ......................................................................................11 
2.2 Test Procedure and Uncertainty Analysis .................................................12 
2.3 Figures ...........................................................................................................15 
2.4 Tables .............................................................................................................17 
CHAPTER 3 – RESULTS AND DISCUSSION ................................. 20 
3.1 Model Validation ..........................................................................................20 
3.2 Drainage Behavior ........................................................................................20 
3.3 Influence of Spray Orientation ...................................................................21 
3.4 Observation of Fouling .................................................................................22 
3.5 Figures ...........................................................................................................23 
3.6 Tables .............................................................................................................32 
CHAPTER 4 - CONCLUSIONS .......................................................... 33 
v 
 
REFERENCES ...................................................................................... 34 
APPENDIX A - HEAT EXCHANGER DATA ANALYSIS ............. 36 
APPENDIX B – SAMPLE EES PROGRAM ..................................... 37 
APPENDIX C – EXPERIMENTAL DATA ....................................... 40 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
vi 
 
 
 
 
 
 
 
Nomenclature 
 
c Specific heat 
F Fin 
L  Louver 
m Mass flow rate 
P Pressure 
Q The heat flux from tube-side fluid to the ambient 
R Thermal resistance 
RH Relative humidity 
T Temperature; tube 
TC Thermocouple 
V Velocity 
 
 Greek Symbols 
 h Enthalpy 
Δ Uncertainty or difference 
δ Thickness; differential  
θ Louver angle 
 
 Subscripts 
 a air 
airin Air-side inlet condition 
airout Air-side outlet condition 
ambient Ambient parameters 
conv Convection heat transfer 
vii 
 
d Depth 
da Dry air 
experiment Data from experiment 
face Heat exchanger face 
fluid Heat exchanger tube-side fluid 
h Height 
insulation Insulation parameters 
l Length 
measure Measured parameters 
model Data from model 
p Pitch 
r Refrigerant 
t Thickness 
ts Tube side 
tsf Tube-side fluid 
tube Heat exchanger tube 
tubein Tube-side inlet condition 
tubeout Tube-side outlet condition 
w Water 
wb Wet bulb 
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CHAPTER 1 - INTRODUCTION 
 
Air-cooled units are used in air conditioning and refrigeration systems. For power plants 
in dry regions where clean water is such a limited resource that water cooled condensers 
cannot be applied, air-cooled units are often preferred. However, air-cooled units show 
significant degradation in performance when the ambient temperature is high. This 
causes a decrease in COP (coefficient of performance) for air-conditioning and 
refrigeration systems, and efficiency and capacity losses in air-cooled power plants. 
This impact is exacerbated in hot summer days, because peak cooling and electricity 
demands occur during these times. As a result, the key limitation for air-cooled units is 
high ambient-temperature operation. The thermal performance of air-cooled units can 
be improved if the air-side temperature can be lowered. 
 
Efforts have been made to explore methods to control and reduce the air-side 
temperature in high-ambient-temperature conditions. A general method is evaporative 
cooling. This involves the evaporation of water in a non-saturated air stream. 
Evaporative cooling has been used since ancient times for comfort cooling. Natural 
ventilation and evaporative cooling was combined in Ancient buildings “by the use of 
domes, high roofs, ponds and fountains” [1]. These schemes fall into the category of 
direct evaporative cooling, because evaporation of water occurs in the air stream it is 
cooling. Cooling the air-side of a heat exchanger in order to cool down the tube-side 
working fluid, should be classified as indirect evaporative cooling, since the two 
streams never mix or come into contact [2]. In this thesis, an investigation of heat 
exchangers using indirect cooling to affect the tube-side flow is reported. 
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1.1 Evaluation of evaporative cooled heat exchangers in systems 
 
Hosoz and Kilicarsla [3] conducted an experimental investigation of evaluating the 
performance of refrigeration systems with three different condenser cooling methods: 
air-cooling, water cooling and water-air hybrid evaporative cooling. In the experiment, 
the vapor-compression refrigeration system was kept the same except for the change of 
condenser units. For an evaporatively cooled condenser, bare tubes were used as the 
condensing coil, and a water deluge cooling method was applied. It was found that at 
the same evaporative and condensing temperature, system with water-cooled condenser 
showed higher COP based on work of compression than evaporative-cooled condenser. 
However, the system with a evaporative condenser offers comparable COP to system 
with water-cooled condenser at low evaporating temperature, and a minimum of 1.5% 
difference was reached at -24
 o
C evaporating temperature. A system with air-cooled 
condenser gives 15.2% lower COP than that with an evaporative condenser at -24
 o
C 
evaporating temperature, and would be even lower once air blower work consumption 
is taken into account. This encouraging result indicates that, water-air hybrid 
evaporative-cooling condenser would be very competitive in refrigeration systems. 
 
The second law efficiencies of evaporative heat exchangers under various operating 
conditions were evaluated by Qureshi and Zubair [4].  The authors compared Wepfer’s 
second law efficiency definition to Bejan’s definition, and suggested that Bejan’s 
definition should be preferred in this system. The exergy analysis was carried out for 
three different air-to-water ratios, namely 1.00, 0.75 and 0.50, based on an the 
evaporative cooler shown in Figure 1 and an evaporative condenser shown in Figure 2. 
It was noticed that the second law efficiency of both systems increased monotonically 
as inlet wet bulb temperature increased.  The second law efficiency of the evaporative 
cooler was found to be no less than 0.98 and that of the evaporative condenser no less 
than 0.95 within a certain range of inlet and dead states specified by the authors. It was 
concluded that the processes in these evaporative heat exchangers are approaching 
thermodynamically reversible. The paper demonstrates that the overall second law 
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efficiency of the evaporative heat exchangers was not sensitive to the variation of dead 
state temperature and relative humidity. As a result, the high efficiency of evaporative 
heat exchangers was not significantly affected by the dead state properties. 
 
Goswami and colleagues conducted experiments on a residential air conditioning 
system with an evaporatively cooled condenser using media pads [5]. The air 
conditioning system had a capacity of 8.8 kW. A media pad, a water source and a pump 
was added to the primary system. They compared the performance of the system with 
evaporative cooler to the base line system without it. It was shown that the adding an 
evaporative cooler on the condenser could save 20% of the electricity used by the 
baseline system. According to the market price of media pad and electricity at that time, 
the cost of retrofitting the condenser could be paid back in two years by the saving on 
electric power consumption. In this analysis, the authors assumed that the evaporative 
cooler would be used for hot summer days that have an ambient dry bulb temperature of 
33.3 
o
C and wet bulb temperature of 23.9 
o
C, and it would operate 12 hours per day for 
7 months. However, in most regions, such days would be fewer, and the payback period 
would be longer. Hajidavalloo did a similar experiment on the condenser of a window-
air-conditioner [6]. The system was more compact. The author claimed that the new 
system decreased power consumption by 16% and increased the COP by 55% at a 45 
o
C 
ambient dry bulb temperature and 24 
o
C ambient wet bulb temperature. 
 
An assessment of different cooling enhancement methods was done by Kutscher and 
Costenaro [7], for an air-cooled geothermal power plant in Nevada. Shown in Figure 3, 
the model of the power plant predicted that a high ambient dry bulb temperature in 
summer could cause a 50% decrease in electric output, compared to winter-time 
performance. The authors developed a model to assess the cost and performance of four 
different approaches of evaporative cooling, namely, spray nozzle pre-cooling, Munters 
media pre-cooling, spray nozzles, and Munters media hybrid cooling with direct deluge 
cooling. The model demonstrated that all four methods raised the summer output by at 
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least 36%, and deluge cooling could raise the electric output up to or even higher than 
winter performance. The model also demonstrated that the simple payback year of 
deluge cooling was 1 year, which indicates that this is the most economic approach. It 
was mentioned in the article that cleaning and expensive tube bundle replacement might 
be required since scaling and corrosion on the heat exchanger fins would be a 
worrisome issue. 
1.2 Issues to be solved 
 
One of the major concerns with the evaporative cooler is scaling or fouling. Qureshi and 
Zubair studied the impact of fouling on thermal performance of evaporative fluid 
coolers and evaporative condensers [8].  They developed a fouling growth model which 
was validated by experimental data, and they coupled the model with their evaporative 
cooling model to predict heat exchanger effectiveness under fouling conditions. They 
concluded that water temperature has a larger impact on cooler performance than inlet 
wet bulb temperature. From the model, they predicted 50% and 70% decrease in 
effectiveness due to fouling for evaporative coolers and condensers, respectively. 
Suggestions were made by the authors that fouling factors be applied in heat exchanger 
design, to compensate the decrease in effectiveness.  
 
Compact heat exchangers have advantages due to increased thermal performance and 
are commonly used in HVAC&R systems. However, to mitigate fouling and corrosion 
issues, bare tube heat exchanger designs are common for water/air evaporative cooling 
condensers, which limits the performance of the system. Corrosion issues would be 
alleviated if pure water is supplied, allowing the use of compact and enhanced heat 
exchangers in evaporative condenser applications.  Recently, the development of 
membrane distillation technology enables pure water production (with 89% of Calcium 
carbonate removed, up to 95% of NF removed) at a total operating cost of 0.56 $/m
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whenever low grade thermal energy is available [9]. This development makes compact 
heat exchangers, especially the commonly used flat-tube finned heat exchangers, more 
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promising choices to consider. Investigations should be undertaken to quantify  the 
performance of water/air evaporative cooling on compact heat exchangers. 
 
Overspray is another issue that should be considered when using a water-air hybrid 
evaporative cooling methods [7]. Water runoff could cause environmental concerns or 
operational difficulties, as well as waste process water.  If a water collection and 
recirculating system is added, the space and cost would increase, which is not desirable 
in many situations. A better approach would be to optimize water spray rate for the 
working conditions in order to avoid overspray. 
 
In the experiments presented in this thesis, a lab-based hybrid-water/air evaporative 
cooled heat exchanger system, Figure 4, is developed to explore its performance. This 
includes quantifying the evaporation rate, change of capacity and change of pressure 
drop. The experimental results are used to validate the evaporative cooling model 
developed byJessica Bock et al. [10]. An atomizer is used as the air-side water 
distributer. A compact flat tube fined heat exchanger is used in this experiment to 
investigate the evaporative cooling process at the heat exchanger surface, since the key 
of hybrid cooling system analysis is the prediction of evaporative cooling performance. 
The overall goal is to optimize the hybrid-water/air cooled heat exchanger system 
designs with minimal water consumption.  
 
1.3 Phycrometric process 
 
A psychrometric diagram of different wetting processes is shown in Figure 5. All five 
processes provide the same condenser cooling capacity and start at ambient state, which 
is point 0 at 24 
o
C dry bulb temperature and 36% relative humidity. Case A (0-A) is the 
base line for comparison, which is dry air cooling without evaporation. Case B (0-B1-
B2) has evaporative precooling with 100% saturation effectiveness, which can describe 
ideal media-pad evaporative cooling. Case C (0-C1-C2) is the one that has been tested 
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in this experiment, which is a combination of precooling (0-C1) and deluge cooling 
(C1-C2).  Case D (0-D1-D2) is the traditional deluge evaporative cooling. The 
theoretical total water consumption can be found from the humidity ratio difference 
between point 0 and the end point x for each case.  
 
In comparison to dry air cooling Case A, all evaporative cooling methods (case B, C 
and D) decrease dry-bulb temperature at the end point. However, precooling provides 
very limited suppression of the dry-bulb temperature, as shown in Case B. Deluge 
cooling can strongly suppress the dry-bulb temperature at the end point, but traditional 
deluge cooling method (Case D) consumes much more water than Case C, and might 
over cool the coil in wormer and dryer ambient conditions. A better solution would be 
the one shown in Case C, which strongly suppresses the dry-bulb temperature while 
consuming less water. Another problem with traditional deluge cooling is that, since the 
water relies on gravity to pull and spread it down the coil, there may be over-wet/blow –
off issues in the upper region and risk dry-out in the lower region. This problem can be 
easily overcome in Case C. Water is atomized and uniformly distributed in the air flow 
in Case C which ensures uniform and effective cooling on the heat exchanger. In the 
experiment presented in this article, water is atomized into droplets with an average 
diameter of 20 μm and uniformly distributed in a full cone of the spray. A small portion 
of water precools the air on the way to the heat exchanger, while the most wets the fin 
surface to provide deluge evaporative cooling. 
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1.4 Figures 
 
 
 
 
 
 
Figure 1:  An Evaporative cooler. [4] 
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Figure 2: An Evaporative condenser. [4] 
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Figure 3: Plant net output as a function of ambient temperature for proposed new 
binary-cycle geothermal power plant in Empire, Nevada. [7] 
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Figure 4: The hybrid-water/air evaporative cooled heat exchanger system. 
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Figure 5:  Comparison of different cooling options: A, without evaporative cooling; B, 
precooling only; C, precooling and deluge cooling combination; D, deluge cooling only. 
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CHAPTER 2 – EXPERIMENTAL METHODS 
 
2.1 Experiment Facility 
 
The experiments for brazed flat-tube heat exchangers were conducted in an open- 
circuit wind tunnel. Both dry and wet-surface cooling conditions were studied. A 
schematic diagram of the wind tunnel and refrigerant circulation circuit is shown in 
Figure 6. Ambient air entered through a flow straightener and contraction, passed a 
spray nozzle, went through the test heat exchanger, an axial blower and later a flow 
nozzle, then exited the tunnel. The cross-sectional dimensions of the wind tunnel were 
305 mm x 203 mm. The face area of the test heat exchanger was 203 mm x 202 mm. 
Figure 7 shows a schematic diagram of a flat-tube, louver-fin heat exchanger: (a) close-
up frontal view, (b) cross-sectional view of louver fin. The detailed dimensions are 
listed in Table 1. A two-dimensional contraction and diffuser with a contraction 
(diffuser) ratio of 1.5 were installed immediately upstream (downstream) of the test heat 
exchanger. All the supply pipes, reservoirs, heat exchangers and most parts of the wind 
tunnel (from the spray nozzle to the exit of the) were thermally insulated from the 
ambient. The wind tunnel was double insulated by closed-cell elastomeric Buna-N/PVC 
foam with a total thickness of 2.5 cm. The tube-side circulation system was triple 
insulated by Polyethylene Foam tape with a total thickness of 1 cm. 
 
On the air side, a spray nozzle (with an 18 degree full cone) was located 28 cm 
upstream of the heat exchanger, and placed at the center of the tunnel. The air 
temperature was measured using thermopile grids with T-type thermocouples (12 
channels upstream, 29 channels downstream). A relative humidity sensor located at the 
entrance of the test section was used to measure air inlet relative humidity; both 
temperature and relative humidity were recorded. Manometers were used to measure 
air-side pressure drop across the heat exchanger. Downstream of the test section, an 
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ASME standard long radius nozzle and differential pressure transducers were used to 
measure air mass flow rate.  
 
On the tube side, an ethylene glycol/water solution (56 wt% ethylene glycol) was used 
as the heat transfer fluid. Inlet and out let temperatures of the solution were measured 
using four thermocouples (two for out let and two for inlet). In the supply loop, a PID-
controlled electric heater heated the liquid. In the return line, a Coriolis-effect mass 
flow meter was used to measure coolant mass flow rate.  
 
The data acquisition system consisted of four NI 9213 modules for thermocouple input 
and one NI 9205 module for humidity sensor and pressure transducer input. These units 
were connected to a computer by a NI cDAQ-9178 USB chassis. Real-time process 
variables (thermocouple readings, pressure sensor readings and humidity sensor 
readings) were calculated and displayed using Labview.  
 
2.2 Test Procedure and Uncertainty Analysis 
 
The tube-side inlet temperature was held near 46°C using the PID-controlled electric 
heater, and the flow rate was maintained at 0.154 kg/s using the variable speed gear 
pump. The air-side temperature was the room temperature, which was rather steady at 
about 23°C .The air-side face velocity was controlled using the blower and held at one 
of three values: near 1.8 m/s, 2.3 m/s, or 3.2 m/s. The flow rate of the full cone spray 
nozzle (BETE siphon-fed fogging nozzle) was controlled by a pressure regulator. The 
spray cone was 18 degrees, according to the manufacturer. The water was supplied from 
graduated cylinders outside the wind tunnel and sprayed into the wind tunnel. Two 
different spray nozzles were used: 1/4XA 00 SR 250 A for low-flow-rate conditions and 
1/4XA 00 SR 400 A for high-flow-rate conditions. The total volume of sprayed water 
was measured by the volume change in the graduated cylinders. The liquid water 
temperature in the cylinders was measured using 6 thermocouples submerged in the 
13 
 
water at different levels, and the average was taken as the sprayed water inlet 
temperature.  
 
Using the data acquisition system, samples were recorded and averaged every 5 seconds 
with about 100 samples total. If all real-time data were constant within measurement 
uncertainty for 10 minutes steady-state conditions were considered to prevail. For each 
steady-state condition, data were recorded over an 8 minute period, in order to provide a 
large number of samples for averaging. The recorded data included tube-side inlet and 
outlet temperatures; air-side upstream temperature and humidity, downstream 
temperature, and flow nozzle pressure drop. At the same time, the water that drained 
from the test section was collected and measured using a graduated cylinder. The 
volume change of water in the graduated cylinders supplying the spray nozzle was also 
recorded. During the course of the experiments, the change in liquid volume in the 
graduated cylinders supplying the spray nozzle changed the water supply pressure, 
which caused a small change in the spray mass flow rate; this effect did not violate the 
criterion described above for determining steady-state conditions, and it was accounted 
for in the uncertainty analysis.   
 
The experimental conditions are given in Table 2. The tube-side mass flow rate, tube-
side inlet temperature and air-side inlet temperature were set as constant. Steady-state 
data were obtained for air face velocities of 1.8, 2.3 and 3.2 m/s. For each air velocity, 
steady-state data for various spray water flow rates were recorded. Data for dry-surface 
conditions (0 g/s spray nozzle water mass flow rate) were always obtained before 
spraying water. Then the spray nozzle was turned on and the water mass flow rate was 
varied.  
 
The data reduction equations for wind tunnel experiments and a sample EES program 
for wet conditions are shown in APPENDIX A and APPENDIX B, respectively. 
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The tube-side temperatures were measured using thermocouples fixed on the outer-
surface of the aluminum supply and discharge tubes, using polyimide tape and Arctic 
Silver 5 The tubes with thermocouples are insulated. Since the thermocouples did not 
have direct contact with the tube-side liquid, a bias error associated with heat transfer 
between the tube and the lab was incurred. The data were corrected for this bias error 
using the analysis described below.  
 
The Reynolds number varied from 3500 to 4500, and the Gnielinski correlation for 
forced convection in turbulent pipe flow was used to obtain the heat transfer coefficient 
and hence thermal resistance between the tube-side fluid and the inner tube wall. The 
thermal resistance associated with conduction through the tube wall was calculated 
using the properties of aluminum and the tube dimensions, and the thermal resistance 
associated with conduction through the insulation on the outside of the tube was 
likewise calculated. Conservatively assuming the outside surface of the insulation to be 
at laboratory temperature: 
 
                         
fluid measure measure ambient
tube conv insulation
T T T T
Q
R R R
 
 

 (1) 
 
Bias error,                     
bias measure fluidT T    (2) 
 
 
The measured tube-side fluid temperature was corrected. 
corrected measure biasT T                                                    (3) 
 
This correction is simplified, in that it only accounts for radial heat transfer by 
convection and conduction, axial heat transfer is neglected, radiation is neglected, 
natural convection in the laboratory is neglected, and all temperatures are assumed 
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uniform. In order to account for such simplifications in the uncertainty analysis, half of 
bias is conservatively included in the corrected measurement uncertainty corrected . 
2 2( / 2)corrected precition bias                                                        (4) 
 
The uncertainties of measured parameters are given in Table 3. 
 
 
 
 
2.3 Figures  
 
 
 
  
 
Figure 6: Wind tunnel schematic 
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(a) 
 
   
(b) 
 
Figure 7: Schematic diagram of a flat-tube, louver-fin heat exchanger:  
(a) Tube-fin cross sectional view, (b) louver-fin cross sectional view [11]. 
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2.4 Tables 
 
 
Table 1: Test heat exchanger geometry 
 
pL  Louver pitch(mm) 2.21 
lL  louver length (mm) 6.67 
   louver angle (deg) 30.6 
pF  Fin pitch (mm) 2.125 
dT  Tube depth (mm) 81 
dF Fin depth (mm) 85.6 
lF Fin length (mm) 9.56 
 Fin Thickness (mm) 0.33 
pT  Tube pitch(mm) 11.88 
Rows of tubes 19 
hT Tube height (mm) 1.65 
lT tube length (mm) 216 
tT  tube thickness 0.57 
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Table 2:  Test conditions 
 
Air face velocity [m/s] 
Spray nozzle water mass flow 
rate 
[g/m
2
s] 
1.8 0 0.24 0.36 0.66 1.03 
2.3 
Horizontal spray 0 0.21 0.30 0.36 1.03 
10
o
 upward spray 0 0.21 0.36 0.66 1.03 
3.2 0 0.21 0.36 0.66 1.06 
Tube-side mass flow rate 0.1054 ± 0.0001 kg/s 
Air-side inlet temperature 23.5 ± 0.3 °C 
Tube side inlet temperature 46.4 ± 0.2 °C 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
19 
 
 
 
Table 3: Summary of measurement uncertainty in dry/wet conditions 
 
Parameters Uncertainty (average) 
airinT  ±0.10°C 
airoutT  ±0.42 °C 
tubeinT  
 
Precision ±0.08°C 
Bias -0.14 °C 
corrected ±0.10 °C 
tubeoutT  
Precision ±0.11 °C 
Bias -0.05 °C 
corrected ±0.12 °C 
airinRH  ±0.05 
Flow nozzle pressure drop ±16 Pa 
Core pressure drop ±5 Pa 
Coolant mass flow rate ±0.1 g/s 
water spray volume ±22 mL/s 
water drainage ±0.05% of reading 
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CHAPTER 3 – RESULTS AND DISCUSSION 
 
3.1 Model Validation 
 
The experimental data from the dry and wet wind tunnel experiments are compared to 
the model developed by Jessica Bock et al. [10], which is a combination of a precooling 
model and a wet condenser model. The precooling distance was fixed at 0.27m. The air 
relative humidity, air temperature and remaining droplet mass flow rate predicted by the 
precooling model were applied to the wet condenser model as its inlet condition. The 
wet condenser model gives the total heat exchanger capacity. As shown in Figure 8-10, 
the total capacity is plotted as a function of water usage rate over a range of air face 
velocities. The water usage rate is defined as the subtraction of water spray rate at the 
nozzle to the water drainage rate. The 0 kg/s water usage rate data points are at dry 
conditions.  
 
Figure 11 is a summary of model prediction against experimental data of the total heat 
exchanger capacity. The model predictions agree with experimental data within 20 % 
with an average deviation of 8.3 %. As a result, the model is supported by the 
experimental data presented in Appendix C. 
 
3.2 Drainage Behavior 
 
Drainage rate was recorded in the wet heat exchanger experiment as important 
information for water augmented cooling applications. Figure 12 shows the heat 
capacity increases with the spray nozzle mass flow rate. However the curve fit indicates 
that the rate of increase tended to decrease as more water was sprayed. This asymptotic 
behavior is because drainage increased as spray rate increased (as shown in Figure 13), 
which indicates that spraying rate increases faster than water evaporation rate. Figure 14 
shows the relationship between the heat capacity and drainage. It is observed that 
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drainage grew with increasing speed as capacity rose. This result suggests that at high 
water spray rates, drainage collection and recirculation system should be used.  
 
The experimental data in Figure 13 and Figure 14 show that in the tested face velocity 
range of 1.8 m/s to 3.2 m/s, the percentage of drained water was more affected by the 
water spray rate than by the air velocity. However, it was observed that the air-side face 
velocity did influence the location where the water was drained. At 1.8 m/s air-side face 
velocity, most of the water was drained in front of the heat exchanger, but at 3.2 m/s, 
most of the water was drained at the back of the heat exchanger. Water was drained at a 
similar rate both at the front and back of the heat exchanger, at 2.3 m/s air-side face 
velocity. 
 
3.3 Influence of Spray Orientation 
 
At 2.3 m/s face velocity, both horizontal a spray and a spray directed 10 degrees up 
from horizontal were tested at various water spray rates. Figure 15 shows a comparison 
between the horizontally orientated spray nozzle and with 10 degrees angle upward. 
The solid points and open circles are experimental data with horizontal nozzle 
orientation and corresponding model predictions with uniform water distribution at the 
heat exchanger front surface.  The triangles are experimental data for 10 degree upward 
orientated nozzle conditions. The points at mw=0 g/m
2
-s are dry condition data. As 
shown in Figure 15, the 10 degrees upward condition shows 4% to 12 % larger heat 
capacity than the horizontal oriented spray. This result is expected, because when water 
is directed at the upper part of the heat exchanger it drains toward the bottom of the heat 
exchanger due to gravity and hence likely wets more surface area with an increase in 
residence time. This enhances the latent heat transfer. In the horizontal case, roughly 
40% of the heat exchanger face area was wet, while in the upward spray case more than 
50% was wet.  This result confirms that, the upward orientation is more effective and is 
preferred for practical water augmentation application.  
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Pressure drop under dry and wet conditions are measured in the experiment. As 
indicated in Figure 16, the heat exchanger air-side pressure drop gets larger as the 
Reynolds number increases. In the figure, the pressure drop under wet conditions is 
consistently higher than under dry conditions; however, this difference is insignificant. 
Figure 17 shows that the pressure drop cross the test heat exchanger is mainly 
dependent on the air face velocity, and is barely affected by the total water usage rates. 
 
3.4 Observation of Fouling 
 
Still images of the front and back view of the heat exchanger were recordedbefore and 
after the tests. Comparing the images, as shown in Figure 17, it is found at the end of 
the experiment that fouling exists at the front surface of the test heat exchanger where 
the fins were wet. However the center region, where it is always directly wetted by the 
cone of the spray (full cone), has much less fouling than the wet region arround. The 
fouling region is shown in Figure 18(b). 
 
Figure 18 (a) and Figure 18 (b) were taken after about 2 months on-and-off spray 
testing (with spray time of less than 100 hours). It should be noted that tapwater was 
used for spray, which was high in chlorine and iron.  
 
At the back of the test heat exchanger, more fouling occurs at the bottom, as shown in 
Figure 19. This fouling pattern is expected since the water slowly drained downward 
by gravity. More water stayed on the fins at the lower part of the heat exchanger, 
leading to more severe fouling.  
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3.5 Figures 
 
 
Figure 8: Experimental and predicted data for 1.8 m/s air-side face velocity (see [10]). 
 
 
Figure 9: Experimental and predicted data for 2.3 m/s air-side face velocity (see [10]). 
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Figure 10: Experimental and predicted data for 3.2 m/s air-side face velocity (see [10]). 
 
 
 
Figure 11: Comparison of experimental and predicted condenser performance for 
combined precooling and deluge cooling (see [10]). 
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Figure 12: Total capacity at 1.8 m/s, 2.3 m/s and 3.2 m/s heat exchanger air-side face 
velocity at various water spray rates. Water spray rate is defined as spray nozzle water 
mass flow rate. The polynomial curve fitting (detail information shown in Table 4) is 
for all the data in this graph. 
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Figure 13: Drainage rate versus water spray rate at 1.8 m/s, 2.3 m/s and 3.2 m/s heat 
exchanger air-side face velocity. Drainage rate is defined as the mass flow rate of 
drained water. Water spray rate is defined as spray nozzle water mass flow rate. The 
second order polynomial curve fit (detail information shown in Table 5) is for all the 
data in this graph with y-intercept specified. 
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Figure 14: Drainage rate versus total capacity at 1.8 m/s, 2.3 m/s and 3.2 m/s heat 
exchanger air-side face velocity. Drainage rate is defined as the mass flow rate of 
drained water. The exponential curve fitting (detail information shown in Table 6) is for 
all the data in this graph with x-intercept specified. 
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Figure 15: Comparison of total capacity between the horizontally orientated spray 
nozzle and with 10 degrees angle upward. 
TC
HX
11.0
10°
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Figure 16: Comparison between wet test (with water spray rate about 0.12 g/m
2
s) and 
dry test pressure drop for varies Reynolds number. 
 
 
Figure 17: Pressure drop cross the test heat exchanger at varies total water usage rates, 
at three different air face velocities: 3.2 m/s, 2.3 m/s and 1.8 m/s.  
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(a) 
 
 
 
 
 
 
 
 
 
(b) 
 
Figure 18: The front surface of the heat exchanger: (a) before the wet condition 
experiment,(b) after the wet experiment.  
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(a) 
 
 
 
(b) 
 
Figure 19. Back (view from downstream) of the heat exchanger: (a) before the wet 
condition experiment,(b) after the wet experiment.  
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3.6 Tables 
 
Table 4: Polynomial fitting of Total Capacity Versus Water Spray Rate. 
 
Equation y=676.7+7.585×10
5
 x-3.603×10
8
 x
2
 
Degrees of Freedom 18 
Reduced Chi-Square 42.4 
Residual Sum of Squares 762.7 
R-Square (COD) 0.682 
 
 
 
Table 5: Polynomial fitting of Drainage Rate Versus Water Spray Rate. 
 
Equation y=3.031×10
-5
+0.1196x-627.5x
2
 
Degrees of Freedom 18 
Reduced Chi-Square 19.3 
R-Square (COD) 0.952 
 
 
 
Table 6: Exponential fitting of Drainage Rate Versus Total Capacity. 
 
Equation y=1.985exp(x/106.12)-2.524×10
-6
  
Degrees of Freedom 16 
Reduced Chi-Square 3220.8 
Residual Sum of Squares 57975.3   
R-Square (COD) 1 
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CHAPTER 4 - CONCLUSIONS 
Using an induced open-loop wind tunnel and a full cone water spray nuzzle, the 
performance of a brazed aluminum heat exchanger with louvered fins was studied 
experimentally for spray deluge cooling. The total capacity, pressure drop and water 
drainage behavior under various water usage rates and air face velocities were explored 
and compared to those under dry conditions.  
 
 It was found that both heat capacity and the mass flow rate of water drainage 
increased as more water was sprayed. At high water spray rates, a drainage 
collection and recirculation system should be used.  
 
 Pressure drop under wet conditions was consistently but insignificantly higher 
than under dry conditions, and the pressure drop was independent of water usage 
rate in the range of test conditions. 
 
 It was found that the percentage of drained water was more affected by the water 
spray rate than by the air velocity. However, water tended to drain downstream 
at higher air velocity in the range of test conditions. 
 
 The impact on spray orientation was also studied. The upward orientation was 
more effective and is preferred for practical water augmentation application. 
 
Fouling on the fin surface was observed in the experiment where the fins were wet. At 
the center region of the front surface, where the fin surface was always directly wetted 
by the cone of the spray (full cone), there was much less fouling than in the surrounding 
region. At the back of the test heat exchanger, more fouling occurred at the bottom.  
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APPENDIX A - HEAT EXCHANGER DATA ANALYSIS  
 
, , ( )a a out a a in a w drian drain spray sprayQ h m m m h m h m            
, , ,( )ts ts p ts ts in ts outQ m c T T   
The air-side mass flow rate am  was measured downstream of the heat exchanger, so 
we have 
,a a pure wm m m   
For wet test, 
w spray drainm m m   
For dry test, 
0w spray drainm m m    
The uncertainty of air-side heat flux and tube-side heat flux are airQ and tsfQ  
respectively. 
tsf
air
Q
Q



  
The minimum of air
tsf
Q
Q


is 10, so we have  
3    
for all the experimental data. 
According to Park and Liu (2010) [12], it is better to use tsfQ than averageQ , as shown in 
equation(x) 
total tsfQ Q  
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APPENDIX B – SAMPLE EES PROGRAM 
 
 
"input: measured parameters" 
Patm=99186 [pa] 
 
Hup_base=0.0 "inches" 
dH_base=0.0 "inches" 
Hu_base=0.0 
Hd_base=0.0 
 
{T_waterin=24 [C] 
T_waterout=35[c]} 
V_spray=vspray/10^6/time 
V_leak=vleak/10^6/time 
rhol_spray=density(water,T=T_waterin,x=0) 
rhol_leak=density(water,T=T_airdown,x=0) 
m_spray=rhol_spray*V_spray 
m_leak=rhol_leak*V_leak 
m_w=m_spray-m_leak 
 
"convert H (in) to  P (pa)" 
Pup=Patm+((Hup-Hup_base)*0.0254)*1000*9.81  " Pa" 
dPnozzle=((dH-dH_base)*0.0254)*1000*9.81   "Pa" 
 
Pu=Patm-(Hu*2*0.0254)*1000*9.81   
Pd=Pu+(Hd*2*0.0254)*1000*9.81 
 
"calculate air mass flow rate ma (kg/s)" 
 
kappa=CP(AIRH2O, T=T_airdown,p=pup,r=relativehumidity_out)/CV(AIRH2O, 
T=T_airdown,P=pup,r=relativehumidity_out) 
tau=(Pup-dPnozzle)/Pup 
epsilon=sqrt((kappa/(kappa-1)*tau^(2/kappa))*((1-beta^4)/(1-
beta^4*tau^(2/kappa)))*((1-tau^(1-1/kappa))/(1-tau))) 
C= 0.9965 - 0.00653*sqrt(1e6*beta/Re)  
ma= epsilon*C*.25*pi*D_nozzle^2*sqrt(2*dPnozzle*rhoa/(1-beta^4))   "kg/s" 
 
Re=(4*ma)/(D_wind*pi*mua) 
 
mua=Viscosity(AIRH2O,T=T_airdown,p=pup,r=relativehumidity_out)   "kg/ms" 
rhoa=Density(AIRH2O,T=T_airdown,P=Pup,r=relativehumidity_out)   "kg/m3" 
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rhoa_1=Density(AIRH2O,T=T_airup,P=Pu,r=relativehumidity_in_sensor) 
 
beta=D_nozzle/D_wind 
 
D_nozzle=6*0.0254 [m] 
D_wind=14*0.0254  [m] 
 
Va=(ma-m_w)/rhoa_1    "m3/s" 
Atest=8*8*0.0254^2 [m^2] 
U_testsection=Va/Atest  "m/s" 
 
Aduct=D_wind^2/4*3.14  
U_duct=ma/rhoa/Aduct  "m/s" 
 
 
dT_air=T_airdown-T_airup 
 
dT_coolant=T_coolant_in-T_coolant_out 
 
CALL BRINEPROP2('EG', 56[%],36[C]:FreezingPt, Density, SpecHeat, 
ThermalC, DynVisc_brine, Pr) 
 
 
w_in=humrat(AIRH2O,T=T_airin,P=Pu,r=relativehumidity_in_sensor) 
m_airpure=ma-m_w 
w_out=(w_in*m_airpure+m_w)/m_airpure 
 
relativehumidity_out=relhum(AIRH2O,T=T_airout,p=pd,w=w_out) 
 
h_airin=enthalpy(airh2o,T=T_airin,p=pu,r=relativehumidity_in_sensor) 
h_airout=enthalpy(AIRH2O,T=T_airdown,p=pd,r=relativehumidity_out) 
 
 
hfg=enthalpy(water,p=pd,x=1)-enthalpy(water,p=pu,x=0) 
 
 
h_spray=enthalpy(water,T=T_waterin,p=pu) 
h_leak=enthalpy(water,T=T_waterout,P=pd) 
 
"calculate Q (kg/s)" 
 
Q_air=(h_airout*ma-h_airin*(ma-(m_spray-m_leak)))+m_leak*h_leak-
m_spray*h_spray 
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Q_latent=m_w*hfg 
 
mc=mc_read*0.00755987283 [kg/s 
Q_coolant=1000[J/kJ]*SpecHeat*dT_coolant*mc 
 
delta=(Q_air-Q_coolant)/((Q_coolant+Q_air)/2) 
 
 
humidityratio_down_sensor=humrat(AIRH2O,T=T_airout,P=Pu,r=relativehumid
ity_out_sensor) 
humidityratio_down=humrat(AIRH2O,T=T_airout,P=Pu,r=relativehumidity_out) 
 
w_out_check=humrat(AIRH2O,T=T_airout,P=Pup,r=relativehumidity_out_sens
or) 
 
m_water_calculated=w_out*m_airpure-w_in*m_airpure 
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APPENDIX C – EXPERIMENTAL DATA 
 
 
 
Q   
[kW/m2] 
Spray Rate 
[g/m2] 
Drainage Rate 
 [g/m2] 
Pressure Drop  
[Pa] 
1.8 
[m/s] 
0.5146407 0 0 74 
0.74119121 0.245358 0.0689651 72 
0.73757123 0.268054 0.0636495 73 
0.84617068 0.365884 0.0776699 73 
0.91645865 0.699876 0.472416 77 
0.90107373 0.689604 0.461545 76 
1.00243321 1.03 0.760496 77 
1.00363987 0.920091 0.793993 79 
2.3  
Horizontal 
[m/s] 
0.64797669 0 0 125 
0.82233913 0.20691 0.0726711 124 
0.95054681 0.365591 0.151574 128 
0.90409038 0.294175 0.0969424 130 
2.3  
10 degrees 
upward  
 [m/s] 
0.66305994 0 0 124 
0.91283867 0.146745 0.067692 149 
0.10102765 0.187442 0.161357 147 
0.106065458 0.219335 0.432881 150 
0.115236078 0.338198 0.695626 146 
 
 
3.2 [m/s] 
 
 
0.75778279 0 0 185 
0.94783182 0.214737 0.070292 198 
0.94934015 0.220704 0.0684096 199 
1.02928141 0.373808 0.147923 202 
1.06155957 0.6537 0.355358 200 
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3.2 [m/s] 
(continue) 
1.08056448 0.700463 0.536057 200 
1.16985735 1.07 0.750522 226 
1.15809241 1.06 0.781643 228 
1.14451748 0.974974 0.783421 25 
 
